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This paper investigates the impact of an alternative evaporator design, the so-called Accelerated Flow Evaporator 
(AFE), on the performance of household refrigerators. In this novel evaporator concept, the air-side cross section 
area decreases with the distance from the air flow inlet, accelerating the air as it flows across the tubes and hence 
improving the air-side local heat transfer coefficient. An AFE heat transfer and pressure drop calculation method 
proposed elsewhere (Waltrich et al., 2008) has been incorporated into an overall system model (Hermes et al., 2009) 
to assess the impact of the evaporator geometry on the system COP. The results were compared with experimental 
data obtained in a top-mount refrigerator. The predictions of working pressures, power consumption, cooling 
capacity and COP agreed with the experimental data to within ±10% error bands. The model was subsequently used 




In ‘no-frost’ refrigerators, compartment cooling relies on forced convection heat transfer between the internal air 
(assisted by a fan) and a tube-fin evaporator. Since the evaporator is responsible for providing the system cooling 
capacity, improving its performance is potentially significant as a means of improving the performance of the whole 
system and, consequently, of promoting material cost savings. The heat exchangers employed as evaporators in ‘no-
frost’ appliances have a number of particular geometric features that hinder the use in rating and design of general 
heat transfer and pressure drop correlations for tube-fin geometries (Barbosa et al., 2009). Therefore, a number of 
specific correlations for the Colburn j-factor and for the friction factor have been proposed over the years 
specifically for ‘no-frost’ evaporators (Karatas et al. 1996; Lee et al., 2002; Melo et al., 2006; Barbosa et al., 2009).  
 
The AFE (Cur and Anselmino, 1992) is a special type of ‘no-frost’ evaporator in which the air-side heat transfer 
coefficient is locally enhanced as a result of a progressive reduction of the air-side cross-sectional area. While the 
main advantage of the AFE concept is a reduction of the volume of aluminum in the evaporator, the main drawback 
is that the flow acceleration increases the air-side pressure drop, thus demanding more pumping power. Waltrich et 
al. (2008) investigated experimentally the thermal-hydraulic performance of AFEs for air flow rates ranging from 30 
to 100 m3/h, under ‘dry’ conditions (i.e., no condensate or frost formation). Other independent variables were the 
ratio of the outlet and inlet cross-section area (see Fig. 1) and the fin density. A calculation method for the air-side 
heat transfer and pressure drop was proposed, which agreed with the experiments to within ±10% for all heat 
transfer data and ±15% for the majority of the pressure drop data. 
 
The purpose of this paper is to assess the AFE geometric configuration which is capable of providing the highest 
thermal performance per unit mass of the evaporator. In principle, this can be carried out based on either evaporator 
ranking criteria (e.g., j/f ratio) or, in a more general way, on the component impact on the system COP (Pira et al., 
2000). In this work, performance evaluation criteria (PEC) that account not only for the component impact on the 
system COP, but also for the amount of material (aluminum), are introduced. These are proposed and used in 
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conjunction with an overall system simulator to find the AFE geometry that optimizes the refrigerator performance, 
taking the cost of the evaporator into account. 
 
2. SYSTEM MODELING 
 
The model used here is based on the work of Hermes et al. (2009), in which the refrigerator was divided into two 
sub-domains, namely the refrigeration loop (compressor, condenser, capillary tube suction line heat exchanger, and 
evaporator), as seen in Fig. 2, and the refrigerated compartments (i.e., air flow through the evaporator, frozen- and 
fresh-food compartments), as seen in Fig. 3. 
 











Figure 1. Accelerated flow evaporator. Figure 2. Schematic diagram of the refrigeration loop. 
 
2.1 Refrigeration loop 
The refrigerant enthalpy at points 2 to 5 (see Fig. 2) are obtained via energy balances in the compressor, condenser, 
concentric capillary tube suction line heat exchanger and evaporator, respectively. The heat transfer rates needed in 
the evaporator and condenser energy balances are obtained from overall thermal conductances calculated according 
to Waltrich et al. (2008) and Melo and Hermes (2009), where the latter is an empirical correlation for natural draft 
wire-and-tube condensers. The compressor mass flow rate and power are obtained from, 
 
( )( )[ ] 111 −−+= vppbam pv ccec                   (1) 
( )12 hhmdcW s,k −⋅+=                    (2) 
 
where a, b, c and d are fitted empirically using compressor data obtained from the manufacturer’s catalog (Waltrich, 
2008). The heat transfer from the compressor shell to the surroundings is given by, 
 
( )akk TTUAQ −= 2                    (3) 
 
where the thermal conductance UAk is assumed constant (≅ 2 W/K). The temperature of the refrigerant entering the 
compressor is calculated based on the definition of the effectiveness of the suction line heat exchanger given by, 
 
( )5351 TTTT −+= ε                    (4) 
 
where the heat exchanger effectiveness, , has been assumed equal to 0.875 based on the work of Gonçalves et al. 
(2009), who performed tests in an refrigerator identical to the one investigated here. 
 
In the model of Hermes et al. (2009), the evaporating and condensing pressures are calculated based on previously 
specified degrees of refrigerant superheating and subcooling at the evaporator and condenser exits, respectively. 
Therefore, the working pressures are calculated directly from, 
( )supsate TTpp Δ−= 5                    (5) 
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( )subsatc TTpp Δ+= 3                    (6) 
 
This procedure not only eliminates potential convergence issues associated with methods based on the calculation of 
the refrigerant charge, but also adjusts the capillary tube geometry and the refrigerant charge automatically in order 
to provide a desired degree of superheating and subcooling, which is convenient for optimization processes 
involving component-level modifications. 
 
2.2 Refrigerated compartments 
Figure 3 shows a diagram of the energy and fluid flows within the refrigerated compartments. The evaporator air 
mass flow rate, mfan, is split into two air streams by a damper, so that part of the air is supplied to the frozen-food 
compartment and the remainder to the fresh-food compartment. Energy balances involving the evaporator, the 
frozen- and the fresh-food compartments yield, 
 
( ) ( ) ( )fzffmfzafzfane TTRTTUAWQr −+−=−
−1                 (7) 
( )( ) ( ) ( )fzffmffafffane TTRTTUAWQr −−−=−−
−11                 (8) 
 
where r=mfz/mef is the freezer air flow rate fraction, and UAfz and UAff are the overall thermal conductances of the 
frozen- and fresh-food compartments, respectively. Rm is the mullion thermal resistance defined as, 
 
( ) mpafanm UAcmrrR +−=




Figure 3. Mass and energy flows within the refrigerated compartments. 
 
It is worth noting that the compartment temperatures are design constraints defined by test standards (AHAM: 
Tff=7.2°C and Tfz=-15°C; ISO: Tff=5°C and Tfz=-18°C). Therefore, Eqs. (7) to (9) must be solved for the air fraction, 
r, a parameter that balances the air flow between the frozen- and fresh-food compartments. Finally, the air 
temperature at the evaporator inlet and the supply air temperature are calculated from, 
 
( ) fffzR TrrTT −+= 1                  (10) 
( ) pafanfaneRI cmWQTT −−=                 (11) 
 
The overall air-side pressure loss is given by, 
 
cabefan ppp Δ+Δ=Δ                  (12) 
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2 is the pressure drop in both the frozen- and fresh-food compartments (see Fig. 3), and 








                 (13) 
 
The hydrodynamic coupling between the evaporator, the evaporator fan, and the refrigerated compartments is given 
by Eqs. (12) and (13), which are solved for the evaporator air flow rate. The fan curve coefficients, ei, as well as the 
Kfz and Kff factors, were obtained from a regression of experimental data (Waltrich, 2008). 
 
The energy consumption is calculated assuming that the thermal load and the cooling capacity are nearly constant 
during the cycling regime. Therefore, the energy consumption can be estimated by an approximated runtime ratio 
calculated from the following energy balance over a running cycle, 
 











=τ               (14) 
 
Thus, the average energy consumption per time unit can be calculated from, 
 














               (15) 
 
and the system COP is given by, 
 











=               (16) 
 
2.4 Numerical procedure and model validation 
The model was implemented in the EES software (Klein, 2002). The input parameters are the working temperatures 
(Ta, Tff, Tfz), the superheating and subcooling degrees and the compressor speed. Thus, for a given set of guessed 
values for pe, pc, h1 and TR, the compressor sub-model calculates h2, the condenser sub-model estimates h3 and 
T3=T(pc,h3), the internal heat exchanger sub-model calculates h4 and T1, and the evaporator sub-model calculates h5 
and T5=T(pe,h5). Finally, the cabinet thermal and hydraulic models are solved to estimate both r and τ. The 
calculation procedure is repeated until convergence is achieved. 
 
The model results were compared with experimental data gathered in a refrigerator with 2 different evaporators at an 
ambient temperature of 32°C and compartment temperatures ranging from -28 to -17°C (frozen-food) and -11 to 
9.2°C (fresh-food). The refrigerant charge was adjusted for each new configuration in order to keep both the 
subcooling and the superheating degrees between 2 and 3°C. Table 1 shows a comparison of the numerical results 
with the experimental data, where it can be observed that the model predicts the system COP to within ±5%, 
whereas the discrepancies between the calculated and measured compartment temperatures are between +1and -3°C. 
 
3. OPTIMIZATION PROCEDURE 
 
The optimization aims at finding the evaporator geometry that maximizes the thermal performance of the system 
according to a specific objective function. In the exercises conducted here, the following temperature constraints 
have been imposed: ambient at 32°C, frozen-food compartment at -18°C, fresh-food compartment at 5°C, and 
evaporator superheating and condenser subcooling of 1°C and 2°C, respectively. With respect to the evaporator 
geometry, the tube O.D. was fixed at 8.8 mm, the fin thickness at 0.25 mm, and the face area (height x width) at 59.5 
x 307 mm2. The following geometric parameters of the evaporator were changed during the optimization process: 
outlet height (11.9 < H2 < 59.45 mm), number of fins (30 < Nf < 60), and evaporator length (100 < Lt < 192 mm). 
The evaporator geometry was generated automatically through the procedure illustrated in Fig. 4, where a uniform 
tube pitch of 21 mm (twice the radius of the tube bends) has been adopted (Waltrich, 2008).  
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Figure 4. Automatic procedure for the AFE design. 
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To illustrate the procedure, two objective functions have been selected, the system COP and PEC= COP / M , 











=Φ                 (17) 
 
where the subscripts #1 and #n refer to the baseline and current configurations, respectively. The subscripts max and 
min refer to the maximum and minimum values of Φ for a given set of constraints that characterize the refrigeration 
system. The optimization was performed using the genetic algorithm routines of a commercial code 




Figure 5 shows a parametric assessment of the COP and evaporator cost in terms of H2 and Lt for a fixed number of 
fins (60). In Fig. 5.a, the system performance is seen to degenerate when H2=H1=59.5 mm. Moreover, the COP 
increases by 3% for H2=43 mm with a cost reduction of 7%. Alternatively, a cost reduction of 40% can be achieved 
for H2=22.5 mm, when the system COP decreases by only 1%. Figure 5.b shows that, for H2=43.0 mm a small 
decrease in the evaporator length (to 0.170 m) yields a cost reduction of 25% without decreasing the system COP. 
By the same token, a 45% cost reduction can be achieved with a decrease in COP of only 1%. 
 






















Nf = 60 fins
Lt = 0,192 m
 























Nf = 60 fins
H2 = 0,0430 m
 
  
Figure 5. System COP and evaporator cost as a function of the (left) outlet height and (right) evaporator length.  
 
Table 2 compares the best results obtained with both COP and PEC= COP / M , where it can be observed that the 
minimum energy consumption was achieved when the COP was the objective function. When the PEC is the 
objective function, the energy consumption increases with respect to the baseline and COP-based cases by 5.88 and 
7.53%, respectively. Nevertheless, the amount of aluminum (and hence the cost of the evaporator) decreases by 71.1 
and 69.6% with respect to the baseline and COP-based cases. It is noteworthy that in the COP-based case the 
number of fins decreases significantly. This result is beneficial in the sense that, for a larger number of fins, frost 
formation on the air-side can degrade the system performance (Knabben et al., 2010). Thus, further advantage can 




A refrigerator simulation model comprised of sub-models for each component was used in a COP-based geometric 
optimization of the AFE. If, on the one hand, the PEC defined as the normalized ratio of the COP to the evaporator 
mass yielded a reduction of the evaporator cost by as much as 70% with a 7.8% decrease in the COP, on the other 
hand, when the system COP was the objective function, the COP increase by approximately 1%, whereas the 
amount of material decreased by 5.1% when compared to the baseline. A sensitivity analysis was also carried out 
showing that the system COP experienced only a modest variation with regard to the geometric parameters, ranging 
from 0.95 to 1.03 when the evaporator length was changed, and from 1.02 to 1.03 when the evaporator outlet height 
was varied.  
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Table 2. Summary of the optimization results. 
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A area (m2) Subscripts  
cP specific heat capacity (J/kg.K) a air 
H evaporator height (m) c condenser 
h heat transfer coefficient (W/m2.K) e evaporator 
K pressure loss coefficient (-) f fin 
L evaporator length (m) ff fresh food 
M evaporator mass (kg) fz freezer 
m  mass flow rate (kg/s) i inlet 
p pressure (Pa) k compressor 
Q heat transfer rate (W) o outlet 
R flow resistance (m-1s-1) R return 
T temperature (oC)   
UA overall thermal conductance (W/K)   
V velocity (m/s) Greek symbols  
v specific volume (m3/kg) τ  Runtime ratio 
W power (W) θ  AFE angle 
 
